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In this study, we investigated a desiccant assisted air conditioning system that includes borehole heat
exchangers for direct cooling and solar energy for desiccant regeneration. We developed a system model
and ran simulations of this model for ﬁve cities in the United States. Our research shows that the system
can provide sufﬁcient latent and sensible cooling throughout the cooling period. Depending on the
location, a maximum Seasonal Energy Efﬁciency Ratio of up to 7.66 (kW/kW) is achieved. We further
investigated the utilization of borehole heat exchangers within a desiccant assisted hybrid air conditioning system by comparing their energetic, economic and environmental performance to a vapor
compression chiller that utilizes R410A as refrigerant. We found that electricity savings of more than 50%
and CO2 equivalent emission savings of up to 91% are possible, while the geothermal system is not cost
competitive at most of the investigated locations.
© 2017 The Authors. Published by Elsevier Ltd. This is an open access article under the CC BY license
(http://creativecommons.org/licenses/by/4.0/).
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1. Introduction
Worldwide sales of air conditioning devices increased considerably during recent years [1]. This trend is predicted to continue in
future, mainly driven by income growth in hot regions and even
increased by global warming [2]. Within a few decades, researchers
predict a near universal saturation with air conditioning devices for
all warm areas. Today in the United States (a high-income country
with cooling demand), 87% of households use air conditioning
devices [3]. Accordingly, research efforts to lower the electricity
demand related to air conditioning remain important in the context
of global emission control.
To provide comfortable room conditions, air conditioning appliances are required to remove sensible and latent loads. It is
common practice to cool the air below dew point temperature for
moisture removal; dehumidiﬁcation and cooling are coupled
within this process. Desiccant dehumidiﬁcation offers a possibility
to separate moisture removal from sensible cooling. In so-called
hybrid air conditioning systems, the desiccant wheel handles the
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latent load while a closed loop cooling cycle removes the sensible
loads. This leads to multiple beneﬁts regarding the overall process
[4]. We can signiﬁcantly reduce the load imposed on the cooling
cycle by using desiccant dehumidiﬁcation in combination with a
heat recovery unit. Additionally, cold water can be supplied at
higher temperature levels, which increases the efﬁciency of most
cycles used for cold water generation. However, to provide a
continuous process, a hot air ﬂow to regenerate the desiccant must
be provided. Various conﬁgurations of hybrid systems have been
tested by different researchers. Solar energy [5,6], heat supplied by
a geothermal well [7], waste heat of a CHP engine [8,9] or heat
rejected through the condenser of a vapor compression cycle (VCC)
[10,11] were used to regenerate the desiccant wheel. The most
common choice for the closed loop cooling cycle are VCCs [6,9],
whereas also thermally driven chillers were tested [12,13]. Due to
the higher cold water temperature level, the usage of shallow
geothermal energy for direct cooling is another possible alternative,
if soil and climate conditions are suitable.
Eicker and Vorschulze [14] presented an experimental and
model-based analysis of geothermal cooling for ofﬁce buildings. In
the study, borehole heat exchangers (BHXs) with a depth of 80 m
were used to cool ofﬁce buildings in Germany. They measured a
maximum heat dissipation of 26 W/m, which was mainly limited
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by the heat transfer within in the building. Validated with the
experimental data, they used a numerical model to study the
suitability of direct geothermal cooling of ofﬁce buildings at
different locations. They concluded that geothermal heat exchangers can also be applied in warmer Mediterranean climates,
even though the cooling capacity decreases with increasing soil
temperature. They also reported that the ground temperature regenerates to between 1.5  C and 0.5  C above the undisturbed
temperature after each daily operational cycle, and just a slight
increase is determined during the simulated cooling period. Kaushal [15] published a review of various studies on earth-air heat
exchangers and concluded that these can be a promising and
economically-effective alternative for the space cooling of buildings. Electricity savings of 25e30% are identiﬁed as well achievable
through the usage of earth-air heat exchangers. A limited number
of studies investigated the coupling of desiccant dehumidiﬁcation
and geothermal cooling. Enteria et al. [16] and El-Agouz and Kabeel
[17] simulated the integration of BHXs in desiccant evaporative
cooling cycles. In a conceptual study for a single family house,
Enteria et al. included a U-tube heat exchanger to provide further
cooling after the supply air passed the evaporative cooler. They
reported that the geothermal heat exchanger helps the system to
cover peak loads. El-Agouz and Kabeel [17] used a geothermal heat
exchanger to precool the supply air before it enters the evaporative
cooler, which is used to ﬁnally cool down the air to the desired
supply air temperature. Assuming a constant outlet temperature of
the BHX, the authors tested different cycles under different
ambient conditions. They showed that the hybrid system provides
thermal comfort under the investigated conditions and provided
iso-lines for the thermal COPs of the investigated system under
different ambient conditions. A considerable decrease in supply air
temperature is achieved through the usage of a geothermal cycle.
Both studies provide limited information about the geothermal
part. Casas and Schmitz [8] presented a hybrid system including a
geothermal loop for direct cooling and a CHP engine for heat generation. The authors present experimental results for a stationary
point and identiﬁed a high potential for primary energy savings.
They reported that comfort conditions could not be maintained for
some rooms of the investigated building during hotter days of the
cooling period.
Using this work as a starting point, Speerforck and Schmitz [18]
presented an experimental evaluation of a desiccant assisted air
handling unit coupled to BHXs throughout a whole cooling period.
The air handling unit supplies ventilation to a reference room,
which is equipped with cooling ceilings to remove sensible loads.
They measured a Seasonal Efﬁciency Rate of 6.6, which allows the
temperature level to maintain a comfortable level within the
reference room throughout the entire cooling period. However, the
applicability and efﬁciency of such a system depends greatly upon
climatic conditions. The experimental results therefore cannot be
readily transferred to other locations.
This study aims to test the applicability of the mentioned
concept at different locations. We used the object-oriented language Modelica® to develop a system model [19]. We used this
model to simulate the system during the cooling period in ﬁve
different cities within the United States. A solar thermal system is
sized for each location to regenerate the desiccant wheel, while a
geothermal system is sized to provide a comfortable room temperature. A parametric study was conducted to investigate the
dependency of thermal comfort on borehole depth. To further
evaluate the utilization of BHXs within the system, we compared
them to a VCC from an energetic, economic and environmental
perspective.

2. System layout and control
Fig. 1 shows the layout of the investigated system, which was
built at Hamburg University of Technology [18]. The system can be
broadly divided into the air handling unit, the hot and cold water
circuit, as well as the reference room.
The air handling unit is designed as a hybrid system; exemplary
state changes within the air handling unit are displayed in Fig. 2.
The latent load is converted to sensible load by a desiccant wheel
(1e2). Sensible cooling is then achieved through a heat recovery
wheel and dry cooling coil (2e4). Extracted air from the room is
used to regenerate the desiccant wheel. It is preheated in the heat
recovery wheel (5e6) and ﬁnally heated to the required regeneration air temperature in the heating coil (6e7). The system is
operated with balanced air ﬂows and lithium chloride is used as
desiccant. A bypass allows saving the electricity required to run the
fans in case the desiccant wheel or the heat recovery wheel are not
necessary under mild and dry outdoor conditions.
The air cooler, as well as the cooling ceilings, are supplied by
vertical double U-tube BHXs. Three BHXs with a depth of 80 m were
installed at the test facility. In this study number and length of the
BHXs are varied for the different locations. Sufﬁcient sensible
cooling of the space is achieved through the cooling ceilings. Due to
their large surface area of 85 m2, a relatively high water supply
temperature compared with traditional VCC is sufﬁcient to meet
the sensible cooling loads of the room. The hot water required for
the regeneration of the desiccant wheel is supplied by ﬂat plate
solar collectors. We chose the respective area to meet the latent
load of the different locations for this investigation, and we used a
stratiﬁed thermal storage is used to balance demand and supply.
The reference room consists of four 20 feet (6 m) containers and
exhibits an overall area of 56 m2, with a height of 2.64 m. A schematic drawing of the room, as well as a picture of the actual facility,
is displayed in Fig. 3. Note that just the upper four containers of the
picture serve as the reference room. For the simulation, it is
assumed that the four walls of the room point directly towards the
four cardinal points as displayed by the compass in Fig. 3. All walls
are insulated with a 10 cm layer of mineral wool, which is covered
by thin steel plates. More detailed construction information can be
found in Ref. [6], where an EnergyPlus model of the respective
room was presented.
2.1. System control and load proﬁles
The bypass of the air handling unit is controlled in dependence
on ambient conditions. The control strategy is based on the proposals of [10] and [20]. It is visualized in Fig. 4. Four different
operational modes (OMs) are used. The different components,
namely the desiccant wheel (DW), the air cooler (AC), the air heater
(AH) and the heat recovery wheel (HRW) are activated according to
Table 1. In the ﬁrst mode, all components are bypassed and the fans
are used to supply outdoor air to the conditioned space. The second
mode is used as soon as dehumidiﬁcation of the outdoor air is
required. The trigger used to switch between the modes is an
outdoor water content of 9 g/kg. For outdoor temperatures above
21  C combined with a water content below 9 g/kg, the desiccant
wheel is bypassed and the outdoor air is cooled by the heat recovery wheel as well as the cooling coil. The heat recovery wheel is
activated if the room temperature is below ambient air temperature. If the outdoor temperature drops below 17.5  C, the heat recovery wheel is used to transfer heat from the exhaust air to supply
air. We set the limits according to the desired indoor conditions and
the expected internal loads. The desired range for room
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Fig. 1. Layout of the investigated system.

Fig. 2. Exemplary state changes within the air handling unit.
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Fig. 3. Schematic drawing and actual conﬁguration of reference room.

Fig. 5. Occupation proﬁle of the reference room.
Fig. 4. Control strategy depending on ambient conditions.

 C,

temperature is between 27 and 22
while the system aims to
keep room humidity ratio below 12 g/kg. These limits were determined according to ASHRAE standard 55 [21], assuming a metabolic rate of 1.1, a clothing level of 0.5 and an average air speed of
0.1 m/s. For the determination of the internal loads, it is assumed
that the reference room is used as a classroom with 30 seats and the
calculation follows the approach of [22]. We used a daily occupational proﬁle similar to the mentioned study. The room has a
varying occupancy between 9 a.m. and 7 p.m., and the respective
proﬁle is displayed in Fig. 5. The system is operated between 8:30
a.m. and 7:30 p.m. An occupant is assumed to add 55 W latent load
and 65 W sensible load to space. Heat gain from lighting and other
electronic appliances is assumed to be 10 W/m2. The supply air
ventilation rate is chosen based on [23] and ﬁxed at 950 m3/h. The
supply air in dehumidiﬁcation and cooling mode is set to be 21  C
for the temperature and 8.5 g/kg for the water content. The cooling
ceilings are operated with a constant mass ﬂow, the inlet temperature is controlled as a function of ambient temperature. To avoid
condensation, the respective inlet temperature is always controlled

to be at least 1.5  C above the dew point temperature corresponding to the room air state.

2.2. Sizing procedure and simulation period
We investigated ﬁve cities within the continental United States
for this study: Chicago, New York, Washington DC, San Diego and
San Francisco. For San Diego, the system is simulated from June to
October, for the other cities the system is simulated from May until
September. The length of operating timeframe are chosen based on
preliminary analyses of the weather data. To match the latent and
sensible cooling demand for the different locations, the number
and depth of the BHXs, as well as the solar collector area, are
adjusted for each city. As the latent load is mainly handled by the
desiccant wheel, the number of solar panels is increased until 95%
of the operating time meets the comfort criterion
(wroom < 12 g=kg ). The size of the BHXs is increased in 10 m steps
until the room temperature exceeds 27  C during less than 5% of the
operating hours. If the depth exceeds 100 m, the number of BHXs is
increased and the process is repeated. However, if more than one

Table 1
Control of the air handling unit.
OM

OM
OM
OM
OM

Description

1
2
3
4

Fresh air
Cooling þ dehumidiﬁcation
Cooling
Heating

Ambient conditions

Active components

wðgW =kgair Þ

t ð CÞ

DW

HRW

AH

AC

w<9
w>9
w<9
e

t < 21
e
t > 21
t < 17.5

e
x
e
e

e
x
(x)
x

e
x
e
e

e
x
x
e
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BHX are used, all of them exhibit the same depth. In this way
computational effort is reduced as just on BHX needs to be simulated. Just one cooling period is investigated, long-term warming of
the soil (in case of an asymmetric load on the BHX for summer and
winter) is not considered.
3. Modeling approach
We modeled all components of the proposed system using the
object-oriented equation based modeling language Modelica®. The
transient behavior of the system is mainly inﬂuenced by the BHXs,
the building, as well as the solar thermal system. Accordingly,
models which account for the dynamic behavior of these components are used. The air handling unit is considered as a quasi-steady
state. TMY 3 weather data have been used for all different locations.
All necessary data, such as average ambient temperatures or soil
temperature proﬁles, were derived based on these data.
3.1. Borehole heat exchangers
The geothermal model is crucial to obtain an accurate performance prediction of the proposed system. Through varying cooling
load of the building, as well as the shutdown of the system during
night-time, the boundary conditions of the BHXs vary continuously.
These changes and the respective short- and long-term transient
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response need to be represented by the model, while in a system
simulation certain limits apply to the detail level of the component
models. A suitable approach regarding this trade-off are the thermal resistance and capacity models provided for different BHXs in
Ref. [24]. The BHX is divided into a discrete number of layers which
will be explained in detail in the later sections. Per layer, the model
assigns one heat capacity of the grouting material (Cg ) to each of
the four pipes of the double U-tube BHX. If the mass ﬂow is equally
distributed on each of the two pipes ﬂowing down, the heat
transfer problem is symmetric and the number of heat capacities
required to describe the problem can be reduced; this leads to a
reduced number of state variables required for the numerical
integration. The problem can be described by a model conﬁguration
similar to a single U-tube heat exchanger as proposed in Ref. [25].
To reduce the computational effort, the temperature at the borehole wall is assumed to be uniform and can therefore be described
by just one temperature node. This enables a one dimensional
description of the surrounding soil. Heat conduction within the soil
is modeled by connecting further capacitances and resistances to
the borehole wall. Furthermore, vertical conduction between the
modeled layers can be taken into account, leading to a three
dimensional problem formulation. The resulting model is shown in
Fig. 6. The equations used to compute the resistances and capacities
as well as constrains regarding the model are provided in
Refs. [24,25].

Fig. 6. 3D Model of BHX according to [25].
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Fig. 7. BHX validation.

Modelica® allows a separate implementation of the deﬁned
capacities and resistances which are then connected according to
the proposed scheme. The down and upward ﬂowing ﬂuid is
modeled as one-dimensional ﬂow discretized using the Finite
Volume Method, following the approach presented in Ref. [26].
Two volumes with energy balances are used per layer; one for the
downward ﬂowing ﬂuid, one for the upward ﬂowing ﬂuid. The total
heat transfer area, volume, and mass ﬂow are the addition of two
pipes of the double U-tube heat exchanger. The heat transfer coefﬁcients are calculated based on the velocity in one of the original
pipes of the BHX. The transient response of the BHX is governed by
the energy balance equation of the ﬂuid volumes and the grout
capacities. The ﬂuid volumes are described by equation (1).

dU
¼ m_ in $hin  m_ out $hout þ Q_ g
dt

(1)

The simulated outlet temperature shows a good agreement with
the measured outlet temperature as soon as the pump is switched
on (visible through the mass ﬂow displayed on the right axis of
Fig. 7). Considering the whole cooling period, the averaged absolute
error of the outlet temperature is 0.16  C. Regarding the energy
transferred to the soil the error is 2.1%. Therefore, the model is
considered suitable for the investigation. Soil data for different locations are hardly available. As conducted in Ref. [14] the same soil
property is assumed to surround the BHXs at all locations
(lS ¼ 1:8 W ðmKÞ1 ; rS ¼ 2100 kg m1 ; cp;S ¼ 1000 J ðkgKÞ1 ), the
same approach is chosen for the grouting material
(lg ¼ 2 W ðmKÞ1 ; rg ¼ 1460 kg m3 ; cp;g ¼ 1000 J ðkgKÞ1 ).
All
other parameters were chosen according to the BHX of the test
facility. To deﬁne the initial conditions at the beginning of the
cooling period, the soil temperature at depth z at the time tstart is
estimated using equation (3) [28]:

where Q_ g is the heat transferred between grout and pipe. The
respective balance for the grout and soil thermal masses is given by
equation (2).

ts;initial ðz; tStart Þ ¼ t a þ Dta;amp $expð  xÞ$cos

dt X _
C
¼
Q
dt

with

(2)

In order to ensure an efﬁcient and accurate simulation, the
choice of the vertical and horizontal discretization parameters is
crucial. To determine the horizontal discretization the diameter of
the surrounding soil which is inﬂuenced by the BHX needs to be
determined in the model. According to [27], it is suitable to choose
the diameter large enough to ensure that the temperature change
of the last soil volume is less than 0.2  C during a cooling or
heating period. In this study, the diameter was calculated to be
15 m. The actual parameters were then determined by modeling
one BHX of the test facility and comparing the simulation results
to measured data. It was found a ﬁner discretization of the soil
next to the borehole is necessary to capture the larger temperature gradient, while the soil farther away can be modeled using
bigger volumes. Accordingly, ﬁve volumes were used to model the
ﬁrst 3 m surrounding the borehole, the next 3 m were modeled by
just one volume and another volume was chosen to model the
remaining soil. The vertical discretization was chosen in a way
that one layer corresponds to 2 m of soil. Fig. 7 shows a comparison of simulation results and measured data for the BHX outlet
temperature. We simulated an entire cooling period and
compared it to the measured data in order to validate the model
and the chosen parametrization. For better visibility, Fig. 7 only
plots four days of data. Data regarding the soil structure next to
the BHX as well as tube and borehole geometry are provided in
Ref. [18].


2p$tStart

t0


 q0  x
(3)

rﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
p$rs $cp;s
ls $t0

x ¼ z$

(4)

After initialization, changes in ambient temperature are
considered in the model through vertical conduction under the
assumption of ideal heat transfer between air and the surface of the
soil.

3.2. Air handling unit
An overview of simpliﬁed approaches to model desiccant
wheels for system simulation is provided in Ref. [29]. A commonly
applied method is the effectiveness method. Two effectiveness
parameters are used to describe the global performance of the
desiccant wheel. In this study, the enthalpy h as well as the equilibrium water content of the desiccant q are used. Following the
deﬁnition of [30] the effectiveness parameters are deﬁned according to equation (5):

hq ¼

qpro;in  qpro;out
hpro;in  hpro;out
and hh ¼
qpro;in  qreg;out
hpro;in  hreg;out

(5)

The equilibrium water content of the desiccant is calculated
using the relations provided by Ref. [31]. Unlike other desiccants,
lithium chloride does not exhibit continuous isotherms due to the
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presence of different phases. For this reason and the explanations
provided in Ref. [32], the inﬂuence of variable inlet states for process and regeneration air on the effectiveness is taken into account.
As rotational speed and both air ﬂow rates are constant in this
study, the model does not account for changes regarding these
variables. We found that we can predict the outlet conditions of the
desiccant wheel by extrapolating the isotherm equations provided
by Ref. [31] for the dilute solution and using the effectiveness parameters calculated according to equation (6).

hq ¼ 1 

1


þ 0:0006$qpro;in and hh
2:32$ qpro;in qreg;in þ 3:99

¼ 0:14
(6)
The desiccant water load is calculated as follows [31].
1
bðTÞ

q ¼ aðTÞ$lnð4Þ

Fig. 8. Comparison between the reference data and the model used in this study.

(7)

with

aðtÞ ¼  4,10

3

3

$T þ 2:2204 and bðtÞ ¼ 4:6,10

$T  1:3392

exchangers εWAHX and the heat recovery wheel εHRW are deﬁned
according to equation (9):

εWAHX

(8)
We used a detailed and validated model of the desiccant wheel
presented in Refs. [33] and [34] in order to calibrate the simpliﬁed
model. The inﬂuence of tested correlations for the parameter hh on
the model accuracy is identiﬁed as small, accordingly a constant
value is used. The structure of the equation used to calculate hq was
determined based on preliminary analyses. We tested multiple
curve functions to ﬁt the simulation results of the detailed model.
The present form provided the best calibration results. To ﬁnd the
coefﬁcients (2.32, 3.99 and 0.0006) required to calculate hq , the
detailed model was simulated for a wide range of ambient temperatures and water contents. Furthermore, the regeneration air
water content was varied for each ambient condition. Table 2 shows
the respective ranges as well as chosen geometric parameters of the
desiccant wheel. Excluding outlet conditions which do not satisfy
the condition 4 < 1, this procedure leads to 962 test cases. The
regeneration air temperature was limited to 70  C and otherwise
controlled to reach a supply air water content of 8.5 g/kg. A comparison between the results obtained by both models regarding
supply air outlet temperature and water content is displayed in
Fig. 8. Root mean square error regarding the difference in water
content is 0.29 g/kg, the respective quantity for the temperature
difference is 0.37  C. The model is therefore considered sufﬁciently
accurate for the conducted study.
The heat recovery wheel, as well as both water-air heat exchangers, are modeled using the well-established ε  NTU method
[35]. As air and water ﬂows are chosen to be constant the efﬁciencies of the heat exchangers remain nearly constant for the
different operational points. The efﬁciencies for the water-air heat



Ca $ ta;out  ta;in

 and εHRW
¼
Cmin $ tw;in  ta;in


Ca;pro $ ta;pro;in  ta;pro;out


¼
Ca;min $ ta;pro;in  ta;reg;in

(9)

The obtained values are εAC ¼ 0:66 for the cooling coil,
εAH ¼ 0:62 for the heating coil and εHRW ¼ 0:8 for the heat recovery
wheel. These values are in the range of other efﬁciencies presented
or used in literature [36e39].

3.3. Building model
We used the mixed-air model of the Modelica Buildings library
to model the reference room. A validation of the respective model is
presented in Ref. [40]. Detailed information regarding the model
architecture and the equations used to describe the heat transfer
between room and environment are provided in Ref. [41]. The
whole room is described by one lumped air control volume. The
transient behavior is captured through dynamic energy balances
for the respective air and further control volumes for interior, walls,
ceiling and the ﬂoor. Heat exchange with ambient is computed by
solving the heat equation in a one-dimensional formulation using
the Finite Volume Method. The number of nodes is chosen as
explained in Ref. [42]. To verify the implementation, the obtained
results have been compared to results obtained through an EnergyPlus model of the same building. The daily deviations regarding
the cooling load are usually smaller than 10%, for the whole month
a deviation of 4.9% is obtained. The model is therefore considered
suitable for the conducted study.
The cooling ceilings are described using equation (10):

Table 2
Parameters and conditions used for desiccant wheel simulation.
Geometry/Properties
Desiccant material
Matrix material
Channel type
Channel height
Channel width
Rotational speed

LiCl
Cellulose
Sinusoidal
1.8 mm
3.8 mm
16 rph

Simulation parameters

range

stepsize

Ambient air temperature
Ambient air water content
Regeneration air water content

18  Ce35  C
10 g/kg e 20 g/kg
9 g/kg e 14 g/kg

1 C
1 g/kg
1 g/kg
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Q_ ¼ kA$Dtln with Dtln ¼

tw;in  tw;out
jt tRoom Þj
ln ðtw;in t Þ
j w;out Room j

(10)

As described in Ref. [43], the kA value is determined through
experimental data. Equation (10) is badly conditioned for tw;in z
tw;out . Therefore, a numerical approximation of the logarithmic
mean temperature difference is used for this case as described by
Ref. [44]. In a test simulation for a whole cooling period a root mean
square error of 69 W is obtained for the transferred heat ﬂow, while
the mean value of the heat ﬂow was 1.1 kW during the considered
period. We measured the operative temperature as well as the air
temperature during the experimental investigations. The occurring
differences were usually below 0.1  C. Accordingly, we considered
the air temperature of the simulated reference room as sufﬁcient
indicator for thermal comfort.

We used a model of the Modelica Buildings Library to describe
the solar thermal collectors. The efﬁciency for the nominal point is
calculated using the Hottel-Whiller-Bliss equation.

Dt
ðDt
Þ2
h ¼ h0  a1 $ nom  a2 $ nom
Itnom

(11)

The losses occurring in the nominal point (Dtnom ¼ 50  C and
Itnom ¼ 1000 W=m2 ) are utilized to deﬁne an UA value which leads
to the same heat loss at nominal conditions. The respective value is
applied to determine losses during simulation. The coefﬁcients
h0 ; a1 and a2 as well as incident angle modiﬁer and thermal collector mass are chosen according to the values provided by Ref. [45]
for ﬂat-plate selective collectors. The size of one module is 2:51m2 ,
it is discretized in four segments, each of them containing a transient energy balance. We divided the thermal storage tank into 10
fully mixed volumes of equal size. For each volume a transient
energy balance is evaluated. The tank volume is chosen according
to the selected collector area ASC :

VT ¼ 100

3.6. Reference system
In order to evaluate the geothermal cooling within the presented system conﬁguration, sensible cooling through a VCC is
modeled as a reference. The BHXs are replaced by a VCC, providing
the same cooling power and maintaining the same evaporating
temperature as the water temperature. The Carnot efﬁciency-based
model provided by Ref. [48] is used to model the electricity demand
of the chiller. The COP is calculated using equation (14).

COP ¼ hC;0 $

3.4. Solar thermal system

Itnom

the actual ﬂow through the different components might vary with
different operating conditions. The mentioned effect is accounted
for by a linear relationship based on the outdoor air temperature.
The relationship is ﬁtted by measured data. Table 3 summarizes the
electricity demand of the different pumps as well as the aggregated
demand of both fans.

l
$ASC
m2

(12)

The tank volume per collector area is chosen twice as big as the
rule of thumb provided by Ref. [46]. Our choice is motivated by the
absence of auxiliary heating systems and by using preliminary
simulation results. All further parameters of the solar system like
tank height, insulation and size of the solar heat exchanger were
chosen according to [45]. Variable speed pumps are used to feed
the solar collectors as well as within the solar tank loop.
3.5. Electricity demand
The electricity demand of the fans and pumps is modeled based
on measured data of the test facility in Hamburg. The pumps
feeding air cooler, heater, cooling ceilings and BHXs are operated
with constant ﬂow rates. Accordingly, a constant electricity demand is assumed. The electricity demand of the variable speed
solar pumps is calculated as a function of the relative pump speed
f P using an equation provided by Ref. [47].



Pel ðf P Þ ¼ Pel;nom $ 1:31$f 2P þ 0:4545$f P þ 0:137

(13)

The biggest share of the overall electricity demand is caused by
the fans which operate based on the operational mode of the air
handling unit. As the volume ﬂow is ﬁxed for supply air conditions,

TE
$h
TC  TE PL

(14)

The varying temperature levels at condenser and evaporator are
accounted for by the Carnot efﬁciency. The factor hC;0 speciﬁes the
deviation between the COP and Carnot efﬁciency at nominal conditions. The COP change under part load conditions is accounted for
by the factor hPL. A simple linear degradation is assumed:

hPL ¼ 1  cd ð1  PLRÞ

(15)

The degradation coefﬁcient is set to cd ¼ 0; 25 [49]. The part
load ratio PLR is the ratio between actual and nominal cooling capacity. Consumption of the cooling tower fan motor and circulation
pumps is assumed to account for 31.4 W for each kW of cooling
capacity [49]. The temperatures of evaporator and condenser are
assumed to differ by 11.5  C compared to the respective inlet
temperatures; the factor hC;0 is chosen to be 0.58. The mentioned
values have been calibrated using a sample cycle simulated with inhouse software VapCyc® [50]. During operating conditions occurring during the conducted simulations, the deviation of COP is less
than 5% for all investigated points. A standby consumption of 30 W
is assumed.
3.7. Economic evaluation and life cycle climate performance (LCCP)
The BHXs are compared with the reference VCC from an economic and an environmental perspective. The economic assessment is conducted according to [51]. Following this guideline, the
life cycle cost of both systems are calculated in form of an annuity
ALC which includes three different types of cost:

ALC ¼ Acapital þ Aoperation þ Ademand

(16)

The upfront investment in construction and machinery is
covered in the capital related annuity ACapital ; the operation related
annuity Aoperation takes service and maintenance cost into account.
The demand related annuity Ademand is calculated based on the
electricity consumption of both systems. Main parameters for the
economic evaluation are presented in Table 4. Regarding the initial
investment for BHXs or vapor compression chillers, varying values
are presented in literature. To account for the related uncertainty,
minimum and maximum values for the respective quantities are
used. Accordingly, a minimum and maximum annuity is presented
for each system and location.
We compared the overall environmental impact of both systems, by investigating the LCCP. We determined the lifetime CO2
emissions of the system by this analysis [57]. For refrigeration
systems, the emissions can be grouped into direct and indirect
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Table 3
Electricity demand of the different components.
Pump

Electricity demand

Operational mode

Fan electricity demand

PCC ; PAC ; PAH
PBHX
PSC ; PTL

20 W
35 W

OM 1
OM 2
OM 3,4

330 W
f ðtout Þ, 610 W-690 W
f ðtout Þ, 410 W-430 W

f ðf 2P ; f P ; Pnom Þ

are presented. The respective loads are evaluated for the whole
period p and calculated according to equation (17).

Table 4
Parameters for economic evaluation.
Parameter
General
Observation period
Interest rate
Price change factors
Energy
Maintenance
Investment
Lifespan
BHX
VCC
Glycol

Value
20 years [6,7]
4% [52]
2%
2%
2%
50 years [51]
15 years [51]
10 years [53]

Cost

Z

Value

Investment cost
BHX
40 - 72 $/m [54]
VCC
200 - 415 $/kW [6,55]
Glycol
6.36 $/kg [53]
Maintenance cost
BHX
50 $/year (Annuity)
VCC
100 $/year (Annuity)
Electricity prices [56]
Chicago
9.4 ct./kWh
New York
15.3 ct./kWh
Washington
12.1 ct./kWh
San Diego
15.4 ct./kWh
San Francisco
15.4 ct./kWh

emissions. Direct emissions account for refrigerant leakage over the
lifetime of the system. Indirect emissions are caused by the use of
the system over its lifetime. They account for emissions from
electricity generation, as well as manufacturing and disposal of the
different components. Detailed information to calculate the
different terms can be found in Ref. [58]. Regarding the BHX the
emissions due to construction such as the fuel consumption to drill
the boreholes or transportation of the displaced soil need to be
accounted for besides the emissions for manufacturing and
disposal of the components and the respective electricity consumption of the pumps. Explanations regarding the different materials and processes can be found in Ref. [59]. Table 5 contains the
most important parameters for the LCCP analysis. As the lifespan
for the BHXs is more than three times longer than the lifespan of
the VCC (see Table 4), the aggregated emissions for VCC are
multiplied by the ratio of these values to obtain comparable data.
4. Simulation results and discussion
The system conﬁgurations for the different locations are displayed in Table 6. Besides solar collector area and number and
depth of the BHXs boundary conditions, such as the yearly average
ambient temperature and the occurring sensible and latent loads

Qlat ¼

m_ sup $ðh1  hðt1 ; w4 ÞÞdt and Qsen

p

Z

¼

m_ sup $ðh1  hðt4 ; w1 ÞÞ þ m_ w;

CC $ðhout

 hin Þ dt

p

(17)
The last three columns mark the remaining percentage of uncomfortable room states; tvl and wvl describe the ratio of room air
states which violate the comfort criterions regarding temperature
and humidity. The last column gives the overall percentage of uncomfortable room states. The size of the solar thermal system is
mainly related to the latent loads. However, solar availability as

Table 6
System parameters and climatic boundary conditions.

Chicago
New York
Washington
San Diego
San Francisco

∅ ta;0

Q sen

Q lat

ASC

hBHX

nBHX

tvl

wvl

overall

( C)

kWh

kWh

m2

m

e

%

%

%

10.0
12.5
14.1
17.7
13.0

3374
3637
4789
2115
1087

3219
3876
4583
3426
337

17.6
22.6
27.6
10.0
2.5

60
100
90
100
40

2
2
4
3
1

4.0
3.4
4.4
4.5
4.3

4.6
3.3
4.9
0.9
0.3

6.8
5.3
7.4
5.1
4.4

well as ambient temperatures which impact the desiccant wheel
performance also inﬂuence the respective size. The size of the
geothermal system is mainly inﬂuenced by the temperature of the
undisturbed soil, indicated by the yearly average temperature and
the sensible load. The strong inﬂuence of the soil temperature can
be discerned from comparing the size of the BHXs for Chicago and
San Diego. While the sensible cooling demand during the investigated period is 1.6 times higher for Chicago, the overall size of the
geothermal system is 2.5 times larger for San Diego. Considering
the presented shares of uncomfortable room states, it is easy to see

Table 5
Parameters for life cycle climate performance.
Parameter BHX

Value

Manufacturing/disposal
Polyethylene
Bentonite
Glycol
Construction
Drilling
Disposal of soil
Diesel
Electricity demand
Western Interconnection

0.594 kg CO2/kWh

Eastern Interconnection

0.788 kg CO2/kWh

2.54 kgCO2e/kg [60]
70 kgCO2e/t [59]
3.02 kgCO2e/l [61]
2.68 l diesel/m [62]
6.66 l diesel/t (calculated based on [59])
2,68 kgCO2e/l [63]

Parameter VCC
Refrigerant leakage
Refrigerant
Charge
Annual leakage rate
Service leakage
End of life leakage
GWP R410A
Manufacturing/disposal
Weight
Material
Electricity demand
Western Interconnection
Eastern Interconnection

Value
R410 A
0.3 kg/kW [62]
6% [62]
5% [57]
10% [57]
2088 kg CO2e/kg
10 kg/kW
Steel (46%): 1.9 kg CO2e/kg, Aluminium (12%): 12.7 kg CO2e/kg, Copper
(19%): 3.1 kg CO2e/kg, Plastic (23%): 2.8 kg CO2e/kg, R410A 10.7 CO2e/kg
0.594 kg CO2/kWh
0.788 kg CO2/kWh
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Fig. 9. Share of the operational modes.

that the system is capable of delivering sufﬁcient air conditioning
(tvl and wvl both below 5%) at all considered locations.
The share of the different OMs regarding the air handling unit is
displayed in Fig. 9. The cooling and dehumidiﬁcation mode (OM2)
exhibits the overall highest share with an average of 64% for all
locations. The highest share of the pure ventilation mode (OM1)
occurs in San Francisco with nearly 30%, while the mode accounts
for less than 6% in San Diego. Bypasses are activated for 36% of the
operating time, averaged over all locations.
4.1. Room air temperature and humidity
Exemplary results regarding the room air states are displayed in
Fig. 10 for New York. The graphs contain daily minimum and
maximum values of ambient and room air water content and
temperature. The ambient air states are evaluated during night and
daytime, while the room air states are just evaluated during the
occupation time.
Regarding the water content, the limit of 12 g/kg cannot be
maintained during 16 days of the considered period. Of the 16 days,
eight days exhibit a maximum water content of more than 13 g/kg
and three days exceeded 14 g/kg. The deviations are caused by both
too low thermal storage tank temperatures and the dehumidiﬁcation capacity of the desiccant wheel. The highest room air water
content occur on August 17th. On this day, the maximum regeneration air temperature of 70  C can be maintained during the
whole day. However, due to the high ambient air water content of
20.9 g/kg the room air cannot be maintained below the given limit

during the whole occupation time. The limits of desiccant dehumidiﬁcation need to be considered when applying the proposed
system for Washington, D.C., Chicago and New York. Pre-cooling
and dehumidiﬁcation is a possible solution to account for those
conditions. Given the high dew point temperature, this could
possibly be achieved by BHXs. In general, the system is able to
remove a high fraction of the latent loads during the whole cooling
period.
During our investigation the room temperature exceeds the
chosen limit of 27  C during 14 days, however only four days exhibit
maximum temperatures above 28  C. For days with a maximum
ambient temperature below 31  C the room temperature can
generally be kept within the comfort region. However, one can see
that besides the actual loads the point of time within the cooling
period plays a key role in regards to the cooling ability of the system, as the soil temperature varies throughout this period. The
highest ambient temperatures of 35  C occur on May 28th and 29th,
and the room maintains a temperature below 28  C during both
days. The highest room temperature of 29  C is obtained on August
17th, coinciding with a maximum ambient temperature of 32  C. As
visible in Fig. 10, over several days the minimum room temperature
is below 22  C. As we did not simulate an active heating device for
this study, we did not include the respective points in the thermal
comfort evaluation.
We conducted a parametric study regarding the size of the
geothermal system in New York to provide deeper insights into
seasonal and short-term warming of the soil and the respective
inﬂuence on thermal comfort. The depth of the two BHXs is varied

Fig. 10. Ambient and room air states during the investigated period for New York.
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(a) Borehole depth 40 m

(b) Borehole depth 70 m

(c) Borehole depth 100 m

(d) Percentage of too warm room states depending on BHX
depth

Fig. 11. Inﬂuence of borehole depth on thermal comfort for New York.

between 40 m and 120 m. Fig. 11 shows simulation results for
borehole depths of 40 m, 70 m, and 100 m by comparing minimum
and maximum room air and BHX outlet temperatures. Fig. 11(d)
shows the corresponding percentage of uncomfortable hot room
states during the cooling period for different borehole depths.
Seasonal and short-term ﬂuctuations of the BHX outlet temperatures are reduced with increasing borehole length. The minimum
outlet temperatures occur at the beginning of the cooling period
and are similar for all three conﬁgurations (around 12.5  C). The
maximum outlet temperatures are reached in July and August.
Temperatures below 26  C, 21  C, and 19  C are maintained by the
different conﬁgurations throughout the cooling period. For a depth
of 40 m, the room temperature exceeds 30  C during 26 days, while
this threshold is not reached during a single day for borehole

Z
Qlat

SERlat ¼ Z
Z
SERel ¼

OM2

OM2

m_ w;AH $ðhin  hout Þ dt

SERth ¼

OM2

4.2. Energetic performance
The efﬁciency of the proposed system is evaluated regarding its
latent, thermal and electric efﬁciency ratios (e.g. Refs. [64,65]). They
are deﬁned according to equation (18).

m_ sup $ðh1  h4 Þ þ m_ w; CC $ðhout  hin Þ dt
Z
m_ w;AH $ðhin  hout Þ dt

m_ sup $ðh1  h4 Þ þ m_ w; CC $ðhout  hin Þ dt
Z
Pel dt
OM2

depths of 70 m or 100 m. For deeper boreholes, the additional gain
in thermal comfort per additional depth decreases. The allowed
percentage of uncomfortable room states is a critical parameter
during the sizing of the proposed system; the tradeoff between
borehole depth, which is usually directly related to investment cost,
and thermal comfort is particularly important.

OM2

(18)
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Fig. 12. Loads and energy demands for the different locations.

Table 7
Seasonal Efﬁciency Ratios for the evaluated system.

Chicago
New York
Washington
San Diego
San Francisco

SERlat

SERth

SERel

0.85
0.84
0.80
0.93
0.93

1.55
1.49
1.52
1.40
1.24

6.89
7.20
7.66
4.18
1.55

SERlat is the ratio of the latent load removed by the air handling
unit and the energy required for regeneration of the desiccant. The
thermal efﬁciency SERth relates the overall cooling provision to the
energy required for regeneration. The electric efﬁciency SERel is
derived by dividing the provided cooling energy by the overall
electricity demand of the system. The respective quantities are
evaluated solely for the second operational mode. Fig. 12 shows the
sensible and latent loads handled by the air conditioning system,
the energy transferred in the regeneration air heater, the boreholes
as well as the electricity demand of the system. Table 7 shows the
above-deﬁned SERs for the chosen locations.

The energy demand for regeneration is closely related to the
latent loads. The varying differences between both quantities
among locations are caused by different ambient temperatures.
Lower temperatures are more favorable for desiccant dehumidiﬁcation. Accordingly, the latent SER exhibits higher values for San
Diego and San Francisco, where the latent loads usually occur at
lower ambient temperatures. The energy transferred through the
BHX is primarily depending on the occurring sensible loads.
However, the energy transferred through the soil exceeds the
sensible load for all locations. This is partly due to the limited efﬁciency of the heat recovery wheel and partly due to temperature
levels of ambient air and room air. If latent loads occur at temperature levels between room and supply air temperature or even
below supply air temperature, the temperature level behind the
heat recovery wheel (position 3 in Fig. 1) is still limited by the room
air temperature. The second reason causes the comparatively large
difference between both quantities for San Diego. Accordingly, a
complete separation of latent and sensible cooling cannot be achieved by the presented hybrid system. The electricity demand of
the system varies between 899 kWh for San Francisco and
1444 kWh for Washington, D.C. The changes are caused by the

Fig. 13. Electricity demand of the proposed (BHX) and the reference (VCC) system.
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Table 8
SERs calculated for the chiller of the reference system.

SERCh
Q_
Ch

Chicago

New York

Washington,D.C.

San Diego

San Francisco

3.29
6 kW

3.41
6 kW

3.36
6 kW

4.22
4 kW

4.24
2 kW

different OMs of the air handling unit as well as the pump electricity demand for the different conﬁgurations. The highest value of
SERel ¼ 7:66 is achieved in Washington D.C., according to the
highest loads occurring in this location. The thermal efﬁciencies all
exceed unity, marking an efﬁcient system operation.

4.3. Comparison with reference system
The electricity demand of the proposed system compared to the
reference system is displayed in Fig. 13. The gray part of the bars
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indicates the amount required for ventilation and distribution
while the black part marks the electricity demand to run the chiller
or the pumps of the BHXs.
About 50% of the electricity required to run the reference system
can be saved by the investigated system in Chicago, New York and
Washington, D.C. For San Diego and San Francisco savings are of
37% and 27%. While the electricity demand of the BHX pumps accounts for an average of 8% of the electricity required to run the
investigated system, the chiller is responsible for 46% of the electricity demand in the reference system. The lower demand for San
Diego and San Francisco is not solely caused by lower cooling loads;
the chiller efﬁciency is higher at these locations owing to the lower
ambient temperatures. The calculated Seasonal Efﬁciency Ratios
(SERCh ¼ QCh =Wch;el ) for the chiller are provided in Table 8 for
reproducibility. Furthermore, chiller capacities are provided, as
they are a required input for the economic and the LCCP analyses.
Results regarding the economic comparison between both systems at various locations are presented in Fig. 14. For each location

Fig. 14. Minimum and maximum annuities for the BHXs and VCCs at the different locations.

Fig. 15. Total equivalent CO2 emissions.
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minimum and maximum annuities using low and high investment
cost (see Table 3) are provided for each conﬁguration. BHXs can be
cost-competitive in Chicago and San Francisco, depending on the
actual investment necessary set up the BHXs or the VCC. For
Washington, D.C. and San Diego the maximum annuity of the BHXs
exceeds the maximum one for the VCC by a factor of 3 or 3.3,
respectively. At these locations, the necessary size of the
geothermal system caused by the comparatively high soil temperatures leads to high upfront investment cost. In general the annuity
of the BHXs mainly inﬂuenced by the capital related part, which
accounts for more than 80% of the minimum and maximum annuities for Chicago, New York, Washington and San Diego; the
demand related parts account for less than 5% among these
locations.
The comparison of both conﬁgurations regarding their LCCP is
displayed in Fig. 15. It is visible that considerable CO2e savings are
possible through the usage of BHXs in the presented system
conﬁguration. The emissions through refrigerant leakage in VCC
alone outnumber the overall emissions of BHXs for all locations.
The largest share of the emissions related to the VCCs is caused
by their electricity demand, which ranges between 66% and 77%
for the different locations. While component manufacturing is
not signiﬁcant for the emissions caused by VCCs, the share is
higher for the BHXs, where it accounts for up to 33% of the total
emissions. The main fraction of this amount is related to the
manufacturing of glycol, which is replaced in a ten-year cycle.
Due to the long lifespan of the BHXs, the emissions due to construction account for the lowest share while the highest share
among all locations is caused by the electricity demand (between
41% and 66%). Overall, the emission reduction through the
replacement of a VCC by a geothermal heat sink varies between
76% and 91%.

5. Conclusions
The combination of desiccant dehumidiﬁcation and sensible
cooling with borehole heat exchangers can deliver comfortable
indoor conditions at various locations. The size of the geothermal
part depends strongly on the undisturbed soil temperature and
the sensible loads. The electricity demand of the system is reduced
to the required amount to run fans and pumps and considerable
savings compared to conventional reference systems are achieved.
Depending on the latent and sensible loads, the proposed system
achieves Seasonal Efﬁciency Ratios for cooling and dehumidiﬁcation of up to 7.66. Contingent upon the necessary depth and
number of the borehole heat exchangers required for each location, they can be cost competitive compared to a vapor
compression cycle for Chicago and San Francisco. For Washington,
D.C. and San Diego their annuities are more than three times
higher. The Life Cycle Cost Performance of the borehole heat exchangers exceeds the vapor compression cycle for all investigated
locations; emission savings between 91% and 71% can be realized
by including shallow geothermal energy.
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Nomenclature
A: area (m2)
A: annuity ($/year)
c: coefﬁcient ()
cp: speciﬁc heat capacity J/kgK
C: thermal capacitance (J/mK)
COP: coefﬁcient of performance ()
h: speciﬁc enthalpy (J/kg)
I: solar radiation (W/m2)
k: thermal transmittance coefﬁcient (W/m2K)
_ mass ﬂow rate (kg/s)
m:
P: electrical power (kW)
p: pressure (Pa)
q: equilibrium water content (kg/kg)
Q : thermal energy (J)
Q_ : thermal power (W)
R: thermal resistance (mK/W)
SER: seasonal efﬁciency rate ()
t: temperature ( C)
T: temperature (K)
U: internal energy (J)
V: volume (m3)
_ volume ﬂow (m3/h)
V:
W: electrical energy (J)
w: air humidity ratio (g/kg)
z: depth (m)
D: difference ()
ε: efﬁciency ()
h: effectiveness parameter / efﬁciency ()
l: thermal conductivity (W/mK)
r: density (kg/m3)
t: time (s)
q: phase shift of max. temperature ()
∅: generic quantity ()
4: relative humidity (%)
Subscripts and abbreviations
A: ambient
Amp: amplitude (monthly averages)
AC: air cooler
AH: air heater
C: condenser
Ch: chiller
gb: grout to borehole wall
BHX: borehole heat exchanger
C: cooling
CC: cooling ceilings
d: degradation
DW: desiccant wheel
E: evaporator
EHA: exhaust air
el: electrical
ETA: extract air
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fg: ﬂuid to grout
g: grout
gg: grout to grout
gv: grout vertical
h: enthalpy
HRW: heat recovery wheel
in: inlet
lat: latent
LC: life cycle
meas: measured
n: nominal
ODA: outdoor air
p: period
P: pump
PLR: part load ratio
pro: process air
reg: regeneration air
s: soil
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sen: sensible
sv: soil vertical
SC: solar collector
sim: simulated
SUP: supply air
T: tank
t: total
th: thermal
TL: tank loop
v: vaporization
vl: violated
VCC: vapor compression cycle
w: water
WAHX: water-air heat exchanger
win: window
z: depth
0: yearly

